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Noise and Vibration Problems of Reciprocating Machinery
Lt. Franklin F. Alvarez, USN
Submitted to the Department of Naval Architecture and Marine
Engineering on May 22, 1964 in partial fulfillment of the require-
ments for the degree of Naval Engineer and the Master of Science
degree in Mechanical Engineering.
The objective of this thesis are to extend the analysis of piston
slap as a noise source in reciprocating machines, to confirm experi-
mentally the analysis of this source, and to study other impacts in order
to better identify, understand, and predict the major noise sources in
reciprocating machines. Analysis of the effects of wrist pin and crank-
shaft offset on piston slap as well as analysis of bearing slap and valve
impacts are included.
Noise and vibration data are also included from a series of ex-
periments with a single -cylinder diesel engine conducted with variations
of piston clearance and speed while the engine was both fired and motored.
Valve impact effects were also obtained.
It is found that negative offset reduces piston impacts and so does
reduced piston clearances. Piston slap and combustion effects are domi-
nant in the mid frequency range while valve noise dominates the high fre-
quency range. Also the noise and vibration levels increase sharply with
speed. Bearing slaps were not found to be important.
It is recommended that noise and vibration levels be reduced by de-
signing reciprocating machines with negative offset, small piston clear-
ances, slower speed operation, and ports instead of valves for two stroke
operation.
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In recent years because of the growing importance of the submarine
and of anti-submarine warfare, the Navy has become very interested in
ship silencing techniques. In both submarines and surface ships recipro-
cating machinery such as diesel engines and compressors have been found
to be among the noisiest. Not only do these machines help to provide de-
tection for the enemy and interfere with their own ship's sonor, but also
in some cases the airborne noise levels in engine rooms are so high as to
be harmful to the operators. Thus there has been an emphasis on quieting
reciprocating machinery and diesel engines in particular.
A number of studies (10, 13, 14, 15) have been conducted to determine
the dominant sources in diesel engines for both the structure -borne, un-
derwater radiated sound and the airborne sound. Intakes and exhausts have
been found to be the dominant sources of airborne noise when they are not
properly muffled, but there is no general agreement as to the major
sources contributing to the structure-borne sound or the airborne sound
on properly muffled engines. The two sources most often advocated are
engine unbalance and combustion pressure pulses. However, an analysis
of the vibrations induced by the engine unbalance and bending of the crank-
shaft (3, 8, 11, 17) shows lines at harmonics of engine rotational speed and
does not account for the numerous lines of high frequency vibrations that
contribute much of the radiated noise.
Likewise, the studies dealing with noise caused by combustion pres-
sures (1, 2, 5, 7) do not adequately account for the middle and high frequency
noise levels found in typical diesel engine spectra. Nor do they explain
why the spectra shapes for diesels show almost no change even when load,
injection timing, and quality of fuel are varied. Also, cylinder pressures
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in compressors are not subject to combustion and yet these reciprocating
machines have high noise levels and spectra similar to diesel engines. Thus
there seems to be some other major noise source that is responsible for
the high noise levels found in reciprocating machines.
B. PISTON SLAP
In the mid-1950's V.I. Zinchenko (20, 21) studied the effect of piston
slap, i.e. the impact of the piston on the liner in a) transverse direction,
in numerous Russian diesel engines. He developed a noise parameter
and showed that the diesels studied correlated well with this parameter.
Other studies dealing with liner cavitation (6, 9, 12) confirmed the existence
of piston slap and gave evidence of high energy high frequency vibrations
being induced by this phenomenon. This then offers a possible explanation
for the source of the high frequency vibrations and radiated noise asso-
ciated with most reciprocating machines. Although an extension of Zin-
chenko's work on piston slap (19) has been completed, there is no evi-
dence of experiments having been conducted in which the parameters
which control piston slap were varied. Also, in addition to piston slap,
other impacts such as the opening and closing of valves and bearing slap,
which result from the reciprocating nature of these machines, might be
major contributors to the overall noise level.
C. OBJECTIVES
The objectives of this thesis are to extend the analysis of piston slap,
to confirm experimentally the analyses of this source, and to study other
impacts, in order to better identify, understand, and predict the major
noise sources in reciprocating machines. If the noise levels of recipro-
cating machines could be predicted by using easily obtainable engine or
compressor parameters in emphirical formulas, the Navy could select
the quietest machinery for use in its ships and submarines when analys-
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ing bids from various suppliers. Also, if all major noise sources were
properly understood, quieter reciprocating components could be designed.
Included in the thesis are the analysis of the effect on piston slap of
wrist pin or crankshaft offset from the plane of piston cylinder axes as
well as the analysis of valve and bearing slap impacts. Results are also
included from a series of experiments with a single -cylinder diesel engine





The transverse motion of a piston, causing piston impacts, has been
studied (19) using the dynamic and kinematic relations of a reciprocating
machine. The same type of analysis has been carried out for the case
when there is offset of the wrist pin or crankshaft from the plane of cyl-
inder axes. From these analyses the impact velocities have been deter-
mined, and it was found that piston clearance, crank radius, machine
speed, connecting rod length, cylinder gas pressure, offset, and mass
of the internal components are the dominant factors effecting the severity
of the piston impacts.
An analysis has been made of the bearing impacts, both main and
connecting rod bearings, to see if they were of the same order of mag-
nitude as the piston impacts. To do this the reactions at both bearings
were calculated and plotted to see if there was any abrupt change in re-
action vector direction. The whole vector had to be looked at in these
cases because the motion is a rolling motion instead of reciprocating one
like the piston experiences.
The velocity with which the valves seat on the cylinder head was cal-
culated for a particular cam arrangement. This made it possible to com-
pare these impact magnitudes with those caused by the piston and bearings,
B. MACHINE TESTED
Experiments were conducted on a diesel engine to verify the analysis.
The engine used was a CFR single cylinder, four stroke, internal com-
bustion engine that could be run as a diesel. It had a stroke of 4.50 inches
and a bore of 3. 25 inches and was equipped with overhead valves. It was
located in the Experimental Projects Laboratory in the third wing of the
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Massachusetts Institute of Technology. The engine was in a test cell so
that other background noises could be eliminated. An electric motor was
coupled to the engine so that it could be motored or run under load.
C. ENGINE PARAMETERS VARIED
For the engine used, the easiest parameters that could be varied to
affect piston slap were piston clearance, speed, and cylinder gas pressure.
Runs were conducted with pistons of different diameter installed which
changed the piston clearance. These runs were made at various speeds
from 800 RPM to 1400 RPM. The cylinder gas pressure was varied by
both motoring and firing the engine. Vibration and acoustic data were
obtained by using both an acceleration pickup and microphone, and the
timing of the impacts with relation to crank angle was determined by using
an oscilloscope from which pictures were obtained. In order to precisely
obtain the timing of the piston slaps, an acceleration pickup was mounted
inside one of the pistons. The lead was run down the connecting rod and
out through an inspection plate. Oscilloscope pictures were taken at three
speeds.
To determine the noise and vibrations caused by the valves, motoring
runs were conducted at several speeds and several valve clearances. The
same type runs were then made with the rocker arms lifted and the tappets
held up by wire. The data from the two types of runs were then compared.
D. IMPACT SIMULATION
In order to simulate the impacts caused by the piston and valves, a
ball bearing was dropped from various heights and pictures of the vibra-
tion peaks were taken on the oscilloscope. It was then possible to deter-
mine the kinetic energy of the impacts during the data runs by comparing
the peak heights from the two sets of data.






The normalized transverse force acting on a piston when there is offset
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Whenever the transverse force changes sign the piston begins to move
across the clearance space and impacts against the cylinder liner. The
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and the crank angle changes by
A© = 6 -><4->K (© ) R
1/3
(3)
as the piston transverses the clearance,
It has been found that
See Appendix A for the development of the equations,
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and S = sin ©
,
C = cos © , and © is the value of © where the right
hand side of Eq.(l) equals zero.
Eq. 1 is plotted in Figure I for values of h of + 0. 05, 0. 00, and - 0. 05
for a typical four stroke diesel engine. From this figure one may deduce
that a negative offset reduces the maximum transverse force (following
TDC). Thus the magnitude of the most severe impact can be reduced by
use of a negative offset. Positive offset has the opposite effect, it tends
to aggravate TDC impacts.
2. Bearing Slap-
The normalized x and y force components acting on the connecting rod
bearing sleeve have been found to be given by
x
F (©)
gS^r- - $Gl<e)+$ Pi <e> + $Ci <e)
and (5)
FRC(e)
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The normalized force components acting on the main bearing journals
differ from those acting on the connecting rod bearings by only the inertia
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Eqs.(5) and (6) are plotted in Figure II.
3. Valve Impacts :
The velocity y of the valve as it impacts against its seat was found to
be given by
y = % ^ (a sin© + b), (7)
cos ©
where © is the camshaft angle at which the valve seats. This is meas-
ured from the position where the straight segment of the cam is tangent to
*
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FIGURE n
Connecting Rod and Main Bearing Reaction Components










For a given clearance setting, d, G can be determined from
(a + d) cos = a + b sin (8)
B. EXPERIMENTAL:
1. Effect of Piston Clearance
Increased piston clearance was found to result in increased vibration
and radiated noise levels of the engine. Figures III, IV, V, and VI show
this effect for fueled operation of the engine. Piston slap is dominant
primarily at frequencies between 400 and 4000 cycles per second. Figures
VII, VIII, IX, and X show piston clearance effects for the condition where
the engine is motored with rocker arms and tappets lifted (compressor
simulation). Figure XI shows the timing and the peak vibration levels ob-
tained when the piston clearance is changed from 0. 002 to 0. 011 inches.
2. Engine Speed Effect:
The vibration and radiated noise levels were found to be more dependent
on speed than on piston clearance. Figures XII, XIII, XIV, and XV show
these levels for speeds between 800 and 1400 RPM. The overall levels
when firing were 10 db higher than when the engine was motored with rocker
arms and tappets lifted. By comparing Figure XVI with the bottom half of
Figure XI one may note the effect of a speed increase from 800 to 1000 RPM
on the timing and on the peak vibration levels.
3. Combustion Effect and Valve Noise;
The overall vibratory levels for firing were only 1 db higher than those
for the motored engine as evidenced from Figures XVII and XVIII. However,
this small change is due to the dominance of valve noise above 5000 cycles





















i < yl \
si A w




•• *k 5^ 3^^.
51 i' _f r aj <
el c ' *m.
\










































-x.ooo'0 s J <\p
-22-














... 1 . . i i , .... S» X








R) V V sU \ V
•
i i i Ik i>
u 1
,11 / 1 1 1
0) ; I ,'
'-* \ J
.---14
, f - - - - . A \- iC
C » i 1 1 ' I
*
._.g... L?L




ji ^ j f it ^P^




'0 It, M / .
§ 3 \/
r± -r1 1















.. _J2 __i_L4_ i
* 55-
a
M 1 | 1









--A- : 11 :
O O o














































i 1 t| : L - I J
8T \\ ir*. +T s
. . M .. . L . . M ... J, \ t ci
(i do
1 1 i> M ._!. J_ 1 , i i > 1 1 /fa rt'IS tJi ' I ' t 1 H [ '"-HUhf— —(— M ii(l 19 1 '
1) II U 1 °hi
1 B ( 1
'
'' ! VJ -^ ]/i\ 1 8
5j w i ~ — >r **> ; f |— ~
i
*
^Ml- -4- <^L ^8
111' .* r > CNJ
c , « i . .... _ . , §Cdt
.
•3 J, jAw °
13 uj V* rJ
•*• x; ..j' °
J] [J ^V^il §
:
; f $ J'/T , , i °^
*"? l^r
i
j 1 O M 1 \ '—P" ._--.,.,_, _ ._ ..... a | n i .... ....... c
4-
' K4I
Ml J M \ j
































, iS « i
J
"
a ' . i La !*•** Mti? 1









. i«I__ .. __j l. ... j . __, _01 ' 4> -1 1'
i ^ >'/ >^
=
! i ^V* L
lie y /
I




; = jt /




















^ ^ * ^ 2 ^ ik.

























Peak Vibration Levels vs. Crank Angle; Engine Fired at 800 RPM,
3W>* 0° 340a
0. 002 inch Piston Clearance
3to* o° 340*
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Peak Vibration Levels vs. Crank Angle; Engine Fired at









When the valve rocker arms and tappets were lifted the high frequency
levels were decreased considerably.
Figures XIX and XX show that combustion has a greater effect on the
radiated noise levels than on the vibration levels. Once again the high
frequency levels drop when the valve rocker arms and tappets are lifted.
Figure XXI shows the timing and the peak vibration levels for the three
cases of firing, motoring, and motoring with rocker arms and tappets
lifted at 1250 RPM.
Figure XXII shows the impacts experienced by the piston as a function
of crank angle, for the motored engine, obtained from an accelerometer
mounted inside the piston.
A summary of the comparison of calculated and experimental values
of kinetic energy and AG for the piston are given in Table I. A comparison
for valve impact kinetic energies is given in Table II.
TABLE I
Calculated and Experimental Values of Kinetic Energy and A©
for Piston Impacts
Type RPM Clearance Cal. Exp. Cal.
K.E. K.E. AG
.060 .0013 10.8°
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Peak Vibration Levels vs. Crank Angle; 1250 RPM and
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Peak Vibration Levels vs. Crank Angle with Pickup Mounted






Calculated and Experimental Values of Kinetic
Energy for Valve Impacts
RPM Clearance Valve Cal. Exp.
K.E. K.E.
800 .010 Exh. .017 .009
1000 .010 Exh. .026 .016
1250 .010 Exh. .041 .021
1600 .010 Exh. .068 .031
1000 .006 Int. .016 .009
1000 .008 Int. .016 .014
1000 .012 Int. .016 .018
1000 .015 Int. . 016 .027
1000 .020 Int. .016 .039
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IV. DISCUSSION OF RESULTS
A. EFFECT OF OFFSET
Figure I shows that the maximum transverse force following a change
in sign occurs following TDC of the power stroke (0 degrees crank angle).
This then is where the most severe piston impact would occur. A negative
offset decreases the magnitude of the transverse force and would reduce
piston slap. Figure I is plotted for h equal to 0. 05 which is a one-half
inch offset for a connecting rod length of ten inches. For this case the
transverse force is reduced by about 30% which is about a 25% reduction
in impact kinetic energy. Although & = 0.05 is a fairly large offset, smaller
values would still be useful in reducing the heaviest impact.
Positive offset should not be used in a reciprocating machine as it
would increase the magnitude of the power stroke impact and unnecessarily
increase the noise and vibration levels.
B. OCCURENCE OF BEARING SLAP
The magnitude of the x-direction reactions at both the connecting rod
and main bearings is very large around degrees crank angle as seen in
Figure II. However, there is no change in the sign of the reaction in this
vicinity and thus no tendency for the bearing to slap. The x-direction re-
actions around 360 degrees crank angle and the y-direction reactions do
have sign changes. There is, however, no abrupt change in the total re-
action vector as none of these sign changes occur concurrently. Thus the
motion of the journal in the sleeve would be more of a rolling and sliding
__
Figure A-I defines negative offset.
**)
Directions are defined in Figure A-I.
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motion. This plus the fact that the bearing clearances are small would
indicate that any bearing slaps would be of lower magnitude than the
piston impacts.
The possibility of an impact at the wrist pin was not studied as the
motion of the pin inside the piston is very complicated. Also, the clear-
ance is very small so that the impacts could not be too severe.
C. COMPARISON OF KINETIC ENERGIES
As seen in Table I, the kinetic energies of the piston at impact cal-
culated using Eq. (2) were very much larger than the kinetic energies of
the ball bearing used during impact simulation. The calculated value
varied from about 15 to 95 times the experimental value. Likewise the
values of A© calculated using Eq. (3) were in all cases less than the
crank angle at impact read from the oscilloscope pictures. The computed
values varied from . 39 to . 94 of the experimental values.
A logical explanation for such large discrepancies is that the piston
ring friction and canting of the piston have a much larger effect on the
impacts than at first suspected. Both of these phenomenon were omitted
from the original theory (19). If the friction between the piston and its
rings was significant, there would be a substantial force retarding the
transverse motion of the piston. This would both decrease the kinetic
energy at impact and increase the time of piston transit which increases
A©. Also, the canting of the piston around the wrist pin would change the
time of piston transit as well as reduce the effective mass at impact.
During engine operation there was also a great deal of lubricating oil
flowing out around the lower rings. This oil would also tend to damp the
motion of the piston.
The clearances used in the calculations for kinetic energy were the
cold measured clearances. Although the engine was run very cold in order
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to maintain the original clearances, there would have been some heating
and expansion of the piston.
The calculated values of valve impact kinetic energy with proper clear-
ance setting agreed fairly well with the simulated values. The calculations,
using Eq. (7), gave values of from 1.6 to 2.2 times the experimentally found
ones. This would show that there was some damping in the valve linkage
which retarded the motion. Eq. (7) and (8) did not, however, adequately
account for the change in valve clearance settings. As d was changed from
0. 006 to 0. 020 inches, Eq. (8) gave the value of © as changing from 1 to 2
degrees. When this change was used in Eq. (7) the change in kinetic energy
was negligible. More study is necessary to determine the exact phenomenon
of valve impacts.
D. PISTON CLEARANCE EFFECT
Increased piston clearance increased the vibration levels in the mid
frequency range while the engine was being fired, Figures III and IV.
This increase occured during combustion which shows that the in-
creased pressure increases the magnitude of the piston slap. This effect
is greater, the greater the clearance. The increase in level for the 0. 008
inch piston clearance above 6300 cycles was due to slightly greater valve
clearance for these runs.
The radiated noise levels also increased as the piston clearance was
made larger, Figures V and VI. In these cases the increase was evident
over a greater range in frequency. For the firing runs the engine was kept
as cool as possible to maintain the measured piston clearances. Therefore
—
The figures giving vibration level are all for position # 1 because lines
from the lube oil pump showed up at position # 2.
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the engine was not run at its most efficient combustion condition. Figure
XI shows the increase in piston slap vibration magnitude, following de-
grees crank angle, as the clearance was increased from . 002 to .011
inches.
Figures VII and VIII show the same sort of increase in vibration level
with increased clearance when the engine is motored instead of fired. It
can be seen that the levels at higher frequency have been greatly reduced
as the valve linkages were disconnected. For these particular runs there
was no flow of air through the engine because the valves were always
closed. Therefore these runs do not exactly simulate compressor conditions
because the cylinder pressures were not as high as when the engine was
motored with the valves operating.
At 800 RPM the radiated noise level showed very little change with
piston clearance, Figure IX. This was because the impacts were not sig-
nificant at such low speed. In Figure X when speed was increased to 1400
RPM, once again radiated noise increased with piston clearance.
E. DEPENDENCY ON SPEED
Figures XII, XIII, XIV, and XV show that noise and vibration levels
are even more dependent on speed than on piston clearance. The increase
in 1 evels with speed showed up over almost the entire frequency band
studied, while piston clearance effected only the mid frequencies. Figure
XVI when compared with the bottom half of Figure XI shows that the peak
vibration levels increase as the engine speed is increased from 800 to
1000 RPM. In these Figures the combustion can be seen at degrees
crank angle with the most severe piston slap following it. Then comes
the opening of the exhaust valve and a piston slap. At 360 degrees the
closing of the exhaust valve can be seen. There is another slap and then
the intake valve closes at about 580 degrees.
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F. COMBUSTION AND VALVE NOISE
Figures XVII and XVIII show that the mid frequency vibration levels
are about six db higher when the engine is fired instead of motored. At
high frequencies the levels are the same, as combustion has no effect
on the valve noise. In Figures XIX and XX the radiated noise levels are
about ten db higher at 800 cycles when the engine is fired. The levels
when motored with and without rocker arms and tappets lifted are nearly
the same out to 1000 cycles. Then at the higher frequencies the levels
drop for the case of disconnected valve linkages.
Figure XXI shows the timing and magnitudes of the impacts for the
three cases just discussed. In the picture for rocker arms and tappets
lifted the peaks appear higher because the sensitivity was greater by a
factor of ten.
Figure XXII shows the impacts experienced by the piston. It shows
the slap following 0, 180, 360, and 540 degrees plus two in between.
A comparison of the overall radiated noise level for this engine was
made with the correlation by Zinchenko of the Russian diesel engines he
studied. The overall level compared very favorably using the empirical
formula L = 88 + 10 log q + 28 log ND, where L is the sound pressure
level (re 0. 0002 microbar) at 1 meter, q is the number of cylinders, N




The experimental study of a single -cylinder CFR engine showed that
while piston slap impacts are of smaller magnitude than calculated, they
nevertheless dominate a significant part of the spectrum. This conclusion
is based on the observation that both for the motored and fired engine, at
a given speed, the sound and vibration levels in certain frequency bands
increased with increased piston clearance. In this particular engine, com-
bustion and valve impacts were also important noise sources.
From the present analytical and experimental study it may also be
concluded that:
1. Negative offset decreases the maximum transverse force acting on the
piston and thus decreases piston slap.
2. Any blearing slap would be of lower magnitude than piston slap.
3. The piston rings probably provide considerable retarding force to the
transverse motion of the piston reducing the effect of piston slap.
4. Noise and vibration levels of an engine increase rapidly with speed.
5. Valve impact noise completely dominates the vibration levels at the
highest audio frequencies. However, the valves do not have such a large
effect on the radiated noise levels.
6. Combustion increases the mid frequency noise and vibration levels by
6 to 10 db above when the engine is motored. This is because the increased
pressures during combustion substantially increase the magnitude of piston
slap. This effect is greater, the greater the piston clearance.
7. The empirical formula L = 88 + 10 log q + 28 log ND gives a good approxi-




1. Reciprocating machines should be designed with a negative offset to
reduce piston slap.
2. Reciprocating machines should be run with as small piston clearances
as is possible.
3. Machines of this type should be run at as slow a speed as is possible
to do the job.
4. Overhead valves and linkages should be covered to reduce radiated
noise.
5. Reciprocating machines that have ports instead of valves should be used
when possible.
6. The empirical formula L = 88 + 10 log q + 28 log ND should be used to
select the diesel engine that has the lowest radiated noise when this is
important,
7. A correlation of numerous diesel engine vibration data should be made








1. PISTON SLAP WITH OFFSET
To aid in the analysis, Figure A-I is provided to define the geometry
and sign convention. The figure also contains a "free body" diagram show-
ing the forces.
If the motion of the piston in the y-direction is very small, its x-direc
tion displacement is given by
X = R cos + L cos f . (A - 1)
The displacement of C, the connecting rod center of gravity, is given
by
X = R cos + L cos <DC R (A - 2)
Y
c
= Lp sin^+ 8 2 .
From the geometry, the relation between <p and the crank angle
is given by
or
Si + R sin 6 = 6s + L sin p
in (p = tf sin © + S , (A - 3)s
where tf = —L
and S = -11f-^ .
Substituting Eq. (A-3) and the small angle approximation
!_ )fl-sj5-t?- . & y sinecosp..
since tf 2 < 1
and S < tf

- 51
into Eqs.(A-l) and (A-2), it is found
2
X_ = R cos 9 - L U sin + L - L -»-- sin 2©P &
y 2X
c
= R cos - LR 8 ^ sin + LR




= Lp ^ sin + Lp S + S 2 .
Taking the second derivatives with respect to time, the accelerations
are found to be








2 Lp tf sin 0.
under the usual assumption that u> = 0.
From Figure A-I it is seen that setting the x-direction forces on the
piston equal to zero gives
F = - F - F (A - 5)
*CP *G P * ;
where F is the force the gas pressure exerts on the piston.
Taking moments about point zero gives
FC LR COS 9 + FC




FCP L Sl" P + TCP " TRC * MC <rS +V > 9
where r denotes the radius of gyration of the connecting
rod about an axis through its center of gravity.
Substituting Eq. (A-5) into Eq. (A-6) and solving for F ~L
,
the trans-








tan P " [ " fg " fp
1
] tan 9 +
a.
T
2^ X (A - 7)
CP - ~RC *"C x ' R
L cos <p Lcos <p
T™ T„^ M^ (r2 + L„ ) <p
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Now by substituting in the expressions for the D'Alembert Forces
and the small angle approximations
tana? ~( y sin Q + 8 ) (1 + °
2
Sm
+ 8 * sin ©)
and
p «-)fo)2 sin cos © ( 1 - y 2 cos 26 + 2 8 # sin ©),
Eq. (A-7) can be expressed in the form:
CP
Mp R
^- =$ G+ $p +$ T +$ (A - 8)
where the right-hand terms denote the contributions of gas force, piston
inertia, friction torques, and connecting rod inertia, respectively, and:






(D = - (cos © - 8 sin © + Y cos 20) tan©
- (cos © - 8 sin © + * cos 2©)( tf sin © + 8 ) (1 +




J = CP RC CP RC
t Mpao-Lcosp MpRMaL (1 . y'Bi°
3e
. s yBm e)
CD
(l-l) sin © + (cos © - y~ sin © +
£ycos2e)ta„ f+ ^r^l
~ - A»jU (1-1) sin © + (cos © - ^ sin © +
|U cos 20) ( tfsin©+ 8 ) (1 + tt
2
sin2e
+ $fc sin e) .




where fQ(G) - M^^-
* " Mp
r
" " T •
Noticing that (]) is the ratio of the net friction torque to the torque
the centrifugal force M Ru3 acting with a lever arm L would exert, it is
seen that m is small for all practical cases and it will therefore be
neglected. Also, since fl
s
< 1 and &Y < 1, Eqs.(A-9) can be written
in the reduced form:
(A - 10)
$G(0) w ^ G(0) ( * Sin e + S)
jj>p(©) ~ - (cos - h sin + X cos 2©) ( tf sin + S)
$c(0) « - ^1 (cos © - ~- sin © + Jltf cos 2©) ( * sin © + S )
+ (1 - 21- -£-) sin©
Eqs.(A-lO) thus give the ratio of the transverse force on the piston to the
centrifugal force M Ro>2 as a function of crank angle since
F ^(&)
M^r- " $G(e) + Ip(G) + $C(e) (A " »>
The values for which the right-hand side of Eq. (A-ll) become zero can
be found by means of a graphical solution.
Now the velocity at impact can be determined. Since the clearance
between the piston and cylinder wall is small, the piston will transverse
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the distance while the crank angle changes only a few degrees. Thus the
transverse force at the time of impact can be approximated by
F
c£ (0o + AG) A© d [Fc^(e )]
M Rco^ M Ru>* d0 (A - 12)
where A© is the small angle the crank travels from © , the crank
angle at which the transverse force vanishes.
From Eqs.(A-lO) and (A-12), one can obtain
M Rw2
[FCP (e°>]
d© = K(© )~ 5g (0o) + $p(0° ) + ?c (eo )
(A - 13)
where $G(0o) * -^- (eo) <^ S+ 5) +fG (eo)^C
*>
p ~ (S+ SC + 4*SC)(*S+ S)
(c - Ss + y - 2 * s2) X c
(A - 14)
$', Mt (s+ ^ + 4jUscm ys + S) -
St(C - yS+^ - 2jL*S2 )X C - (1 - 2i - f-) C
and S = sin ©
C = cos ©
.
Then using Eq. (A-12), the transverse motion of the piston may be written
as
F
c£ <0O + A©) M A© K(© ) MpR»
a








K(© ) ( R'_ (A - 16)
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where d is the clearance distance.
This expression assumes that there are no retarding forces such as
friction due to oil or any forces on the piston rings. It also neglects the
possibility of the piston canting about the wrist pin. Now the velocity at
impact can be obtained from the relation V = y (© + A0) which gives
o
o 2
V_ = -^-(A©)2 K(0O ) = Rw
9 d s
2 * RSO K(0O )
1/3
(A - 17)
2. BEARING SLAP IMPACTS
The analysis for the connecting rod bearing slap at begins with the
same general analysis as in Section A except there is no offset. Therefore




- Rw2 (cos © + tf cos 20)




2 Lp tf sin © .
The x-direction forces on the piston are still given by Eq. (A-5).
The x-direction forces on the connecting rod when set equal to zero
give
(A - 19)
Substituting Eq. (A-5) and the expression for the D'Alembert Forces
into Eq. (A-19), one finds for the x-direction reaction at




= - F + FHC CP C
RC G P
(A - 20)
M Rw2 (cos © + tfi cos 2©).

56 -
This may be expressed as
x
FT?r(e)
Mp£i- $ Gl< e) + $Pl(e) + K{&) (A - 21)
where
$G <e> . YG(e)
$_.(6) = - (cos e + X cos 20) (A - 22)
$c (0) = - ^(cos © + y i cos 20) .
Setting the y-direction forces on the connecting rod equal to zero one finds:




Then taking moments about C, but neglecting the friction torques
gives
FRC LR COS P + FRC LR SinP FCP LP COS f -
(A - 24)
F " L_ sin <D = M„r*"cp lp SI 9 - c r= f
Substituting Eqs.(A-5), (A-19), and (A-23) into Eq. (A-24) and solving
for F—v, . the y-direction reaction at 0, one findsRC J
»
FRC — FG tanp-F*
l tanp
-P^tanf +
2 •• (A - 25)
vi MC r <PfZ1 (M)+ rC L. cos P
By substituting in the expressions for the D'Alembert Forces and the
small angle approximations for tan (p and (D with © = 0, Eq. (A-25) can








p a = |«(e) + $,3 (0) + S_ (0) (A - 26)M Rw" iGa XP» ±Ca






(0) m (cos © + tf cos 20) tf sin 0(1+ % _Sin 6-)
£ (©)~/Asin© L - (l-*)2 +*Jl(cos ©+*£cos 2©) (1 + -£-^-®)
- p
2 (l - V 2 cos 2©) ] .
Since -^ < 1, Eqs. (A-26) can be written in the reduced form
2
$G (e>« -Y G(e) * sin0
$_,(©) m (cos © + tf cos 20) tf sin ©




+ icos0+ Y(i2 + p2 ) cos 2©]*sin©
Eqs.(A-22) and (A-28), the * and y components of the reaction vector
at point 0, can now be plotted and the vector determined for any crank
angle.
The crankshaft main bearings are located at point A in Figure A-I.
The motion of the crankshaft center of gravity is given by
X_ = R_ cos ©B B (A - 29)
Y^ = R^ sin © .
Taking the second derivatives with respect to time, the accelerations












Setting the x-direction forces acting on the crankshaft equal to zero
gives
F X = F X + F X^ (A - 31)A RC B
Substituting the D'Alembert Force into Eq. (A-31) and making the
expression dimensionless gives
- vX cos (A - 32)
r- XFA
,- xFRC













- J (8, + $ pi<e) + $ (9) + $R (8) (A - 33)
where the first three terms on the right hand side of the equation are
Eqs.(A-22) and (E ( 0) = - UX cos . (A - 34)
In exactly the same manner it can be shown that
A
p y
Tgpbr- ' $Gs(e) + $P8(G> + Ic. <e) + Ib. <e) <A " 35>
where the first three terms on the right hand side of the equation are
Eqs.(A-28) and <B (0) = - V X sin 0. (A - 36)I Rs
Using Eqs.(A-33) and (A-35), the reaction vector at point A, the
crankshaft main bearings, can be determined. Eq. (A-17) which gives
the impact velocity could also be used for this case. Kx(0o ) for the x-di-
rection and K2 (0O ) for the y-direction could be obtained by differentiating
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with respect to ©, Eqs.(A-33) and (A-36) respectively. © can be de-
termined from a graphical solution of these two equations.
3. VALVE IMPACTS
The engine studied had overhead valves. The cam and tappet arrange-
ment was as shown in Figure A-II. The cam consisted of a circular arc
and two straight line segments tangent to the arc. The tappets had a circular
base that was flat.
The valve impacts occur as the valve seats on the engine head. This
happens just before the straight segment of the cam becomes tangent to
the tappet base. Figure A-III shows the geometry for this happening. From
the Figure it is seen that
y = — _ + b tan © (A - 37)
cos ©
. w a sin © , 2 _and y = 5 — + cob sec ©J cos 2 ©
or y = §-- (a sin © + b) . (A - 38)
cos ©
The valve has a velocity equal in magnitude and opposite in direction
to the tappet, as a pushrod goes directly to a rocker arm which is pivoted
around its midpoint.
The angle ©, at which the valve seats, is determined by the clearance
d, which is set between the rocker arm and the valve stem. The valve
seats when
y = a + d . (A - 39)
Thus from Eq. (A-37) one gets
a + d = _ + b tan ©
cos ©
or (a + d) cos © = a + b sin ©. (A - 40)
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© can be obtained from Eq. (A-40) and then Eq. (A-38) can be used
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The instrumentation for the experiments consisted of a third active
band frequency analyser and an oscilloscope. The analyser was used to
obtain sound pressure level and acceleration spectra for the diesel by
using both a microphone and an acceleration pickup. The signals were
first run through a sound level meter used as an amplifier, Figure B-I.
The oscilloscope was used to time the various engine impacts in relation
to top dead center, i. e. crank angle, as well as to record the peak mag-
nitudes. In order to mark TDC for a reference on the oscilloscope a
proximity pickup was installed right above the flywheel which had a pro-
trusion at TDC. Thus each time the engine reached TDC a voltage would
appear on the trace of the oscilloscope. Since this was a four stroke
engine, TDC was reached twice each complete engine cycle.
During the runs to record radiated noise, the microphone was placed
one meter away from the cylinder head. The vibration data were obtained
with the acceleration pickup at two locations shown in Figure B-II.
2. PRELIMINARY STEPS
Before any data could be obtained it was necessary to quiet certain
engine parts. There was a noisy check valve in the intake piping, and the
crankcase vent had to be quieted as well as the breaker points that were
there for spark ignition use of the engine. Some of the higher peaks
showing on the oscilloscope were identified by eliminating them and then
letting them reappear. For the valves this was accomplished by using a
feeler gauge to keep them from seating. The fuel injection noise was
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identified by disconnecting and reconnecting the coupling to the engine.
Cylinder pressure plots versus crankangle were obtained by using
a point -by -point indicator. Indicator card readings were taken at several
speeds from 800 to 1400 RPM both when the engine was being fired and
when it was motored. Also, before any runs were made the piston, con-
necting rod, valves, and valve linkages were weighed and their measure-
ments recorded.
3. DATA RUNS CONDUCTED
Three distinct types of runs were conducted. The first type were runs
to simulate conditions of a compressor. For these the valve rocker arms
and tappets were lifted, and the fuel injector coupling was disconnected.
Although there was cooling water to the jacket, the circulating pump was
not running in order to reduce the background noise level. These were
motoring runs. Since several different piston sizes were to be used and
there was a scarcity of the special pistons used to convert the engine to
diesel firing, it was decided to use the standard smaller spark ignition
pistons for this set of motoring runs.
The second type of runs were diesel firing runs with all parts of the
engine running including the cooling water circulating pump. For these
firing runs the fuel injection timing was set at eight degrees before TDC.
The third type of runs were motoring runs made under the same con-
ditions as the firing runs only without the fuel being injected. This was to
examine what effect the combustion had on the noise and vibration levels.
These same runs were then repeated with the valve rocker arms and tap-
pets lifted to eliminate the valve noise. Runs were also made with the
piston and connecting rod removed from the engine so that all piston slap





SUMMARY OF DATA RUNS CONDUCTED
Type RPM Piston Piston Instrumentation Rocker Arms





0.005 S Ace. Posit. #1 Yes
Motored 1250, 1400 0.005 S Ace. Posit. #2 Yes
Motored 800, 1400
800, 1000,
0.005 S Micro. Yes
Motored 1250, 1400 0.008 S Ace. Posit. #1 Yes
Motored 1250
800,
0.008 S Ace. Posit. #2 Yes
Motored 1250, 1400
800, 1000,
0.008 S Micro. Yes
Motored 1250, 1400 0.011 S Ace. Posit. #1 Yes
Motored 1400
800,
0.011 S Ace. Posit. #2 Yes
Motored 1250, 1400
800, 1000,
0.011 S Micro. Yes
Fired 1250, 1400 0.002 D Ace. Posit. #1 No
800, 1000,
Fired 1250, 1400 0.002 Micro. No
800, 1000,
Motored 1250, 1400 0.002 D Ace. Posit. #1 No
800, 1000,





Motored 1300, 1400 0.002 Ace. Posit. #1 Yes
800, 1000,
Motored 1300, 1400 0.002 Micro. Yes
800, 1000,
Ftred 1250, 1400 0.008 Ace. Posit. #1 No
800, 1000,
Fired 1300, 1400 0.008 D Micro. No
800, 1000,
Motored 1250, 1400 0.008 D Ace. Posit. #1 No
800, 1000,
Motored 1300, 1400 0.008 Micro. No
800, 1000,
Motored 1300, 1400 0.008 D Ace. Posit. #1 Yes
800, 1000,
Motored 1300, 1400 0.008 Micro. Yes
800,
Fired 1000, 1400 0.011 Ace. Posit. #1 No
800,
Fired 1000, 1400 0.011 Micro. No
800,
Motored 1000, 1400 0.011 Ace. Posit. #1 No
800,
Motored 1000, 1400 0.011 Micro. No
800,
Motored 1000, 1400 0.011 Ace. Posit. #1 Yes
800,














In simulating the impacts the ball bearing was dropped on both the out
side of the jacket and inside on the liner, and very little difference was
noticed. To make the inside drops it was necessary to support the head
of the engine on a nonstiff frame. The jacket was filled with water and





























For the piston, where
AG = 4- (i)
K(o) V R '
d = 0. Oil inches
R =2.25 inches
RPM = 1000
M = . 149 slugs







A0 = 14. 1 degrees.
V 1000, . 1n - rad./w = —=-3-(27r) = 105 ' sec.
"60"









K.E. = .095 ft-lbs.
For the valve, where d = .010 inches
a = . 657 inches
b = .610 inches
RPM= 800
and Mv = . 00485 slugs,
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^2 'sec. as the camshaft speed is one half the
engine speed.
K.E. = ^ MVS =-j Mv co (a sin © + b)
cos2e 12
K.E. = —(.00485) 42 (.610)
12
= (.00242) (4.52)
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19. Ungar, E.E., Ross, D. , and Alvarez, F.F., "Piston-Slap Noise in
Reciprocating Machinery, " Bolt Beranek and Newman, Inc. Report
No. 1106, (January 1964, Revised 15 April 1964).
Report contains a thorough analysis of the dynamics of piston slap.
Gives relative magnitudes, number, and occurrence of these slaps
for different cylinder pressure curves. Has discussion of vibrations
and radiated noise induced by these slaps and presents techniques for
estimating the corresponding noise and vibratory power. Also dis-
cusses the correlation of Zinchenko's diesel noise data with various
engine parameters.
20. Zinchenko, V.I,, "Effect of Constructional Factors on the Noise of
Ships' Engines, " Vestnik Mashinostroyeniya No. 4, pp 13-17, (1956).
21. Zinchenko, V.I., Noise of Marine Diesel Engines, Sudpromgiz (1957).
(Book is digested in Bolt Beranek and Newman Technical Information
Report No. 61, (July 1962). )
Summarizes noise data obtained on 60 engines. Develops piston-slap
concept as explanation of "mechanical" noise of diesel engines. Dis-
cusses some measurements of cylinder wall vibrations that show
pulses due to piston impacts.
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